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Full Validation of the Structural-Acoustic Response
of a Simple Enclosure

S. De Rosa,* F. Franco,” F. Marulo,* F. Conicella,’ and G. Esposito§
University of Naples “Federico I1”, Via Claudio 21, 80125, Naples, Italy

This paper is a review of the basic methodologies for the study of the vibroacoustic problem of enclosed cavities.
The assessment of these methodologies is addressed from the theoretical, numerical, and experimental point of
view. A simple geometry has been selected as an intersection item for all three approaches, particularly for the
theoretical solution. Complex geometries increase the difficulties of solving the relative equations without adding
an increased value to the validity of the comparison of the three approaches. The results validate the classical finite
element and the experimental approach for the vibroacoustic behavior of enclosed cavities with one elastic wall in
the low modal density frequency region. As expected, a careful understanding of the numerical and experimental
results turns out to be a very important task and an addressable topic for future investigations. This paper also
outlines a useful comment about the aliasing effect of the wavelength discrete representation.

Nomenclature

A = length of the acoustic volume = length of the plate
along x direction
Ac = coupling area
B = length of the acoustic volume = length of the plate
along y direction
= length of the acoustic volume along z direction

Co = acoustic speed of sound in an ideal gas

D = flexural plate stiffness

E = Young’s modulus

Fy = force amplitude,F (1) = Fye /¢!

J = imaginary unit

O,,. = Cartesian reference system with originin O and
axes x, y, and z, respectively

O,,,, = Cartesian reference system with originin O’ and

’ axes x, y, and z/, respectively

P = acoustic pressure

t = time

w = normal plate displacement

XF = coordinate of the point of the plate mechanically
excited by the force

Yr = coordinate of the point of the plate mechanically
excited by the force

d = derivative operator

n = structural damping

v = Poisson’s modulus

0 = radius of the eigensolutionin the plane of the mode
numbers (see Fig. 3)

Os = density of structure

0o = density of fluid

w = radian frequency

\% = gradient operator
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Introduction

HE analysis, prediction, and control of vibration and structural

noise in transportation systems (trains, ships, cars, etc.) has
been getting increasing attention, particularly for the design of new
aircraft.!? The predictive and control capabilities are needed for
both low- and high-frequency ranges.? To increase the level of un-
derstanding for such engineering problems and to achieve reliable
vibroacoustic prediction, it is important to develop both numerical
and experimental tests. In a previous paper,’ the capability of us-
ing numerical simulations such as the finite element method (FEM)
and the statistical energy analysis (SEA) has been addressed with-
out reference to an experimental support. It showed that numerical
tools can give qualitatively acceptableresults. However, experimen-
tal verifications are necessary to improve the reliability of FEM
vibroacoustic prediction, as well as the SEA confidence intervals.

For the predictive vibroacousticresponse, the FEM is now a com-
mon adopted technique.*~® as well as the boundary element method
(BEM), whenever the coupling effect of the fluid over the structure
can be neglected. Even though the vibroacoustic approach using
FEM may be dated to about 15 years ago, a full-validation problem,
coveringresults coming from the three approaches,does not always
seem to have been addressed. On the other hand, SEA is the object
of fundamental research and development for the high-frequency
range problems, together with a tentative link with the deterministic
methodologies,” such as the FEM (and the BEM).

In the present paper, a simple rectangular enclosure has been
analyzed analytically, numerically via a FEM simulation, and ex-
perimentally. To compare the results coming from all of these ap-
proaches, a very simple design of the test article has been selected.
The linear dimensionsare adequate for locating a limited number of
microphone acquisition points, and at the same time the enclosure
can be easily removed and transported for teaching activities. The
vibroacoustic behavior has been achieved by replacing a rigid wall
with an elasticone. Several papers are availablein the open literature
regarding these aspects singularly considered, addressing generally
the theory and the numerical approach, or presenting some com-
parisons between experimental, and again, numerical results. The
presentattemptis related to the possibility to developboth an analyt-
ical and numerical evaluationand laboratory tests. Several problems
will be fundamentally highlighted: 1) the possibility of writing of
an adequateexact solution, 2) the assembling of a correct numerical
finite element model in which the user may check the validity of the
wavelength simulation for both domains (acoustic and structural),
and 3) the laboratory measurement campaign.

The methodologies used herein are well known and are some-
what straightforward. This should provide even more reliability to a
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Fig. 1 Test article (real configuration).
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full-validation problem. Whenever possible, this paper stresses the
need for a combined approach when dealing with fluid-structure
interaction problems.

Simple Enclosure

The object of study of the present vibroacoustic analysis is a
regularrectangularbox, whose dimensions are length 0.50 m, width
0.40 m, and depth 0.30 m. The walls were assembled by using 0.018-
m-thick multilayered wood, with a thickness of 0.018 m, with a thin
aluminium internal trim. The removable cover plate was replaced
with an elastic steel plate (length 0.5 m, width 0.4 m, and thickness
1.0 mm). A rubber strip mounted between the sidewalls and the
top cover of the box provided acoustic insulation. The boundary
conditions for the cover plate were built to be considered as close as
possible as simply supported along the four edges. The analytical
and numerical solutions were modeled with five rigid walls; the sixth
wall was elastic and was loaded by a mechanical force. A sketch of
the enclosure is shown in Fig. 1. The validity of the hypothesis of
rigid walls will be discussed later.

Analytical Models

The firstpartof the work was devotedto the analysisofassembling
an analytical model of the coupled problem. Initially, both the iso-
lated acoustic volume and plate bending equations were reviewed;
these equations are coupled with the proper boundary conditions.

Uncoupled Problems
The governing equation of motion for the uniform thin plate® is
0% w
DViw + psh— =0 1
Ps 972 (1)

where D is given by D= Eh?/12(1 —v?), and the middle plane
of the plate is assumed in the x-y plane of the Cartesian reference
system, O,,,. It is assumed that the material is elastic, homoge-
neous, and isotropic. The classical simply supported boundary con-
ditions are used along all edges of the plate. The complete modal
solution of the differential equation, assuming harmonic vibrations
w(x,y, t)=W(x, y)e/, is

n

M . .
W(x,y) = ZZWU sin <%> sin (%) 2)

i=1 j=1

with the natural radian frequencies given by

Ws.ij =4/ (D/psh)[(in/A)* + (jm/B)’] (3)

The maximum values of the coefficients N and M will be chosen
as functions of the maximum frequency (minimum wavelength) to
be represented.

For an ideal fluid, the acoustic pressure field is described by the
Helmbholtz (wave) equation

Vip=5— )

1 9%p
ct or?

In a general case, several boundary conditions over each face of
the acoustic box can be considered:

p=0, openwall (v#0) (5)
a

P _0, rigidwall (v=0) ©)
an

a a

E)_Z =-— poa—lt), elastic wall (7N

where v is the elastic velocity along the directionnormal to the wall
(the normal is positive if exiting from the fluid toward the structure).

The general modal solution for an enclosure with six rigid walls,
p(x,y 2, t)=e"P(x,y,2), is

0 R S . .
k
P =352 e (5 s (52) o ()
i=1j=1k=1 )
8

Again, the maximum values of the coefficients Q, R, and S will be
chosen as functions of the maximum frequency (minimum wave-
length) to be represented. It is also useful here to report the general
modal solution related to an acoustic enclosure with six open walls:

0 R S . .
k
P(x,y,2)= ZZZ P;ji sin (%) sin (%) sin (%)
i=1j=1k=1
)

The acoustic natural frequencies (eigenvalues) of both homoge-
neous problems [Egs. (8) and (9)] are given by

o, = Eln/A) + (jm/B)* + (kr /C)*) (10)

The specification of the excitation, and in general, of the initial
conditions, will allow a closed-formsolution to be written. A modal
wave propagation along a fixed direction with symmetrical rigid-
wall boundary conditions is related to the same natural frequencies
of the same problem with symmetrical open-wall boundary con-
ditions. This consideration will be clarified in the next paragraph,
where this property will be used for assemblingthe coupled solution.

Coupled Problem

It is difficult to obtain the modal solution of coupled problems,
but for the specific configuration, an efficient and formally elegant
development has been introduced. The approach can be considered
as a generalizationof an approach presentedin the open literature,
concerning an acoustic cubic box between square elastic plates.

For the model enclosure of dimensions A, B, and C, the following
coupled structural-acousticdifferential problem must be solved, in
the O,,, reference system indicated in Fig. 1:

Differential equations:

P
vip=—2L
P ¢z or?
4 92w
DViw + Pshw =pAc+ F®)s(x —xp)d(y —yp) (11)

Boundary conditions along the four sides of the plate:

Fw  w
= —a—yz—o (12)

e

w =0,

=5}

Boundary conditions for the volume:
ap ..
8_ =0 =0), overthe five (rigid) walls (13a)
n

ap
.= /o

—U, over the elastic wall (13b)
on ot
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Fig. 2 Sketch of the theoretical configuration used for the analytical
coupled modal solution.

The Dirac function § has been introduced for simulating analyt-
ically the mechanical point excitation. It should be noted that the
coupling conditions are in both the differential equation of the plate
and the boundary conditions for the volume. For a general problem,
i.e., without any symmetry and with different boundary conditions,
the previous differential problem is difficult to solve. It is possible
to recast the whole problemin a symmetrical form, according to the
following hypothesis:

1) The effect of the fluid over the structure could be neglected;
the term pAc, the right side of the plate operator Eq. (11), will
disappearin Eq. (14).

2) The length of the acoustic volume along the z direction is
doubled, i.e., the length is equal to 2C.

3) The enclosurehas two elastic walls, both excited mechanically.

4) All of the other sides are open walls.

The relevance and the applicability of the first hypothesis will be
discussed later. The remaining hypotheses allow the creation of a
completely symmetrical model that is useful for a coupled modal
representation. In the new O/ , reference system, as indicated in
Fig. 2, the new differential model is the following:

. 92w Lot
DV*w + psh—— = Fye 7*'§(x — xr)8(y — yr),

arr
Plate 1 located atz = —C (14a)
1 9%p
Vip=——— 14b
p 2 302 (14b)

92w .
DV*w + ,Oshw = Foe /8(x — xp)8(y — ¥F),

Plate 2 located atz’ = +C (14¢)

Boundary conditions along the four sides of each plate:

?w  w
w =0, —_—=—=0 (15)
0x2 ay?
Boundary conditions for the volume:
p =0, overfourside (open) walls (16a)
R
op = —po—v, over the elasticwall atz’ = —C (16b)
on ot
R Rl
8_p = 'Ooa_lt)’ over the elastic wall atz’ = +C (16¢)
n

Figure 2 shows this new configuration. Notice the different signs
in the second and third terms of Eq. (16): the normal vectors at
7'=C and 7’ = —C have opposite directions.

For z’ > 0, the problem governed by Eqs. (11-13) and Eqs. (14-
16) are completely equivalent. For the sake of brevity, the first
[Egs. (11-13)] will be defined as “real,” and the second [Eqs. (14-
16)] as “symmetrical ”

The symmetrical system contains the natural frequencies of the
real problem: it has the eigensolutions with a null pressure gradient
atz'=0.

In the symmetrical system, the acoustic mode shapes along the y
and x directions are sine functions (instead of cosine): for the deter-
mination of the pressure amplitudes inside the volume, they imply

only a /2 shift of the phases. Therefore, the symmetrical system
will be able to reproduce the distribution of the vibrations and the
pressure amplitudesin the real one, whereas the phase relationships
are not preserved. The complete modal solution of the symmetrical
problem s reported here without any further comment. It refers to a
point mechanical excitation for both plates with complex stiffness,
adopting the hysteretical damping model:

p(x,y,7)=Px,y,2)e " = P(x,y,2)

= ZQ: ZR: ZS:PH.M.,{ sin <%> sin (mny

n=1lm=1 k=1

) Cos(ail.ﬂlz/)

amn
wx, y) = Wx, y)e ' = W(x,y)

o R
=33, sin (%) sin (%) (18)

n=1lm=1

4F, sin(nmxp/A)sin(mmyr/B)

Wil m = . 19
' ABhpS a)izl.lll - a)z + ‘]r}a)izl.lll ( )
P 4Fyw? po 1 sin(nwxp/A)sin(mmyr/B)
k= ABh Ps an.mSin(Can.nz) w,%.,,l - a)2 + jr)a)’z,.m
(20)
a”.lll = kn/zc
o = \/ (@2, /€3) — w2(m?/ A?) — w2(n2/B?) 1)

Note that the structural natural radian frequency w, ,, is unal-
tered due to the hypothesis of neglecting the effect of the fluid over
the structure. Because of the complete symmetry of the proposed
coupled model, there is no difference in the plate responses. The
W function will represent the elastic displacement for both plates.
Again, it must be stressed that the formulation and solution for the
coupled symmetrical problem [Egs. (11-13)] are exactly the same
for the real problem [Egs. (14-16)].

Effect of the Fluid over the Structure

As previously stated, the effect of the fluid over the plate has
been neglected in the symmetrical problem. This is because the real
tested configuration concerns an air-aluminium coupling, and this
hypothesis can be adopted. The amount and effect of the coupling
over the structural domain can be checked without approximations
with the theoretical formulationof Pan and Bies.!? This effectcan be
initially quantified by adopting the static ratio of the bulk modulus:

A= pscz/pocg 22)

where c is a characteristicwave speed in the structural domain. For
A>>1 the effect of the fluid over the structure can be neglected.
By considering,e.g., the longitudinal wave speed in aluminium and
fluid as air, A O(60 x 10°), but if the fluid was water, A = O(60).

A more precise evaluationrequires a deeper analysis of the prob-
lem. Using the coupling coefficients,

1
L+ [@a: — w502 /4](1/T2)

]

(23)

vy X

with

[y, = / Dy Dy ds
A

C

These coefficients, E and I', refer to a generic coupling of modes:
the vth structural and the zth acoustic. The E coefficients are nor-
malized and nondimensional: the closer they are to unit value, the
strongeris the effectof coupling. The I" coefficientsrefer only to the
geometrical effect due to the coupling: the similarity of the struc-
tural and acoustic mode shapes over the coupling surface Ac for

-

the present applications. The E coefficients take into account the
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dynamic effect based on the difference between the uncoupled nat-
ural frequencies. For the symmetrical configuration, the effect of the
fluid overthe structureis importantonly for the first uncoupledstruc-
tural natural frequencies. However, such detailed results are outside
the main topic of the present work. These considerations will be
very useful when commenting on the numerical and experimental
results. For an easy reading of the coupling phenomenon, a simple
analytical model of a spring-mass-dampermechanical system (pis-
ton) coupled with an acoustic one-dimensional domain (pipe) has
been used.!! The undamped structural resonance was designed to
be equal to the first structural resonance of the plate. Correspond-
ingly, the acoustic natural frequencies of the pipe are the same as
the longitudinal natural acoustic frequencies of the volume (along
the z direction, for the sake of clarity). This simplified model has
been chosen becausein this case it was verified that the geometrical
effect is relevant only when considering the first natural frequency
of the plate and the fourth natural frequency of the acoustic cav-
ity. This latter frequency is the acoustic mode indexed by 0, 0, 1
along the x, y, and z directions, respectively. The one-dimensional
piston-pipe model includes such geometrical effects and allows the
numerical measurement of the dynamic effect. The effect of the
coupling is as follows:

plate: fs ~ 36 Hz — fe &~ 44 Hz
coupling
acoustic volume: f, ~ 570 Hz — fc = 572Hz

The piston-pipe model only defines a modification of the struc-
tural natural frequency due to coupling. Only experimental verifi-
cations allow the measurement of this frequency shift. Moreover, it
is not easy to predict a priori whether the structural frequency de-
creases or increases. In this particular case, it is useful to anticipate
that in the experiments, the natural frequency of the structural plate
is different by 8 Hz due to the coupling with the acoustic volume.

Numerical Model

The finite element approach, as implemented in MSC/NAS-
TRAN, was used for the numerical vibroacoustic calculations. This
software allows the user to select between these options:

1) Alter the standard solution sequences for simulating the fluid
part of the solution and the consecutive coupling phase.

2) Usedirectly the standard vibroacousticmodulesfor the coupled
solution: the coupling surface can be meshed in a 1:1 ratio (each
structural node finds exactly an acoustic node that has the same
coordinates), and the coupling surface can be meshed in a different
ratio; an internal algorithm will find the correspondencefor building
the coupling nodal area matrix.

For the structural model, it was assumed to simulate the flexural
wave propagationup to a maximum frequency of 500 Hz, resulting
in 395 grid points corresponding to 7121 degrees of freedom. The
acoustic and structural grid points are coincident over the coupling
surface Ac. The acoustic model has 4752 degrees of freedom: the
maximum design frequency is about 1200 Hz. Particular attention
was devoted to the uncoupled and coupled modal analysis and the
frequency response. The quality of output is represented by the
magnitudes of the structural velocity and the acoustic pressures for
some test points over the plate and inside the acoustic volume. The
excitation was a 1-N white-noise spectrum mechanical force, close
to the center of the panel.

Dimensioning of the Mesh

One of the more interesting results of the present work was an in-
creasingconfidence aboutthe dimensioningprocedureto be adopted
for meshing a dynamic system using the FEM. It should be noted
that the analyses presented here could be extended for a general
deterministic methodology, or for estimating how many points are
experimentally necessary to identify one requested wave. The defi-
nition of the proper mesh along one dimension at the time of a finite
element model able to simulate a wave, which propagates with a
characteristicspeed ¢, comes from the following consideration. Be-
cause a minimum of five points is necessary for good identification

Fig. 3 Planeofthemode
numbers for a rectangu-
lar aluminium plate.

of a propagating wave, the minimum number of grid points N for
modeling waves up to a certain frequency fi.x iS N =1+ LJ /Ay,
where L is the length along a specific dimension, J is an integer
greater or equal to 4, and Ay, = ¢/ finax-

This approachis very accurate for one-dimensional wave propa-
gation. It may be useful to discuss the meshing for two-dimensional
wave propagation, e.g., flexural waves in plates.

The previous approach is able to define a mesh, for a flexural
plate, for which it is still possible to identify a mode shape very
close to the design maximum frequency. This mode shape will have
modal indexes very close to each other: it will be located along
the bisectrix of the first quadrant of the plane of the wave numbers
(Fig. 3). In this figure, the vector p is proportional to maximum
frequency, and it identifies different mode shapes, all resonating at
the same frequency. According to the outlined approach, it is not
possible to take into account the fact that at natural frequencies,
which are very close to each other, completely different natural
mode shapes resonate. Generally, the modes with a low number of
wavelengths will be better represented than the modes with a high
number of wavelengths,althoughthey resonate at approximatelythe
same frequency. For the specific example of Fig. 3, the mode (6, 6)
of the plate (represented by M) will be represented with sufficient
accuracy. The modesrepresentedby ® or O are containedinside the
same frequency areaspannedby p, and they have natural frequencies
very close to that corresponding to p. They represent the (9, 1) and
the (1, 9) modes, respectively.

It is easy to check that the outlined approach for dimensioning
the mesh is not able to represent the mode shapes that are very close
to the axes. This is due to the large difference of the indexes, even
if they are inside the frequency region spanned by p. As a correc-
tion factor, it was found to be necessary to assume fi.x+/2 as the
maximum frequency for obtaining the correct spatial representation
of all mode shapes resonatingin fi,,c. Conversely,if f,,, has been
retained, the result will be adequate up to fiax /JZ. The advan-
tage of this meshing procedure is that it is simply dependenton the
selected wave. In addition, Fig. 4 shows the error associated with
the wavelength simulation with reference to the first 100 natural
modes of a rectangular flexural plate. The error, reported as a per-
centage of the theoretical solution, is not simply a growing function
ofthe indexesi and j (along the sides of the plate), as experiencedin
one-dimensionalcases. The erroris representedby two-dimensional
distribution, with a different maximum for different pair of indexes,
in the examined range. The same result could also be obtained by
analyzing the following integral:

Ly pLx . .
imTx T
m; ;= / / sin’ <—> sin’ <u> dx dy (24)
0 0 Ly Ly

Itis ameasure of the generalized mass of a simply supportedrect-
angularplate. The numerical solution of this integral by using linear
approximations for each quadrant of the minimum desired wave-
length would generate a periodic error. This effectis specifically for
the simulation of two-dimensional (and three-dimensional) wave
propagation.For the propagationof one-dimensionalwaves, the re-
sultis simply that above fi,.x; the finite element model is not able to
represent the wavelength. For two-dimensional wave simulations,
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Fig. 4 Error (analytical-experimental) of the natural frequencies of a flexural rectangular plate, as a function of the half-wavelength along the edge
directions.

the presented criterion of f;,,,+/2 will help in analyzing the qual-
ity of the extracted modes, and therefore, the global result of the
model. It is very simple to demonstrate that, for three-dimensional
wave propagation, the factor in the criterion is f..+/3. Based on
these criteria, the structural finite element model cannot be used for Acoustic Enclosure
a frequency greater than ~350 Hz, and for the acoustic volume a
frequency greater than 700 Hz. The results will demonstrate that the Microphone
criterion is useful in determining the frequency window in which .
the simulations can be reliable. Agoustic Source

Experimental Measurements

Experimental Modal Analysis of the Acoustic Enclosure

The objective of these experiments was to evaluate the natural fre-
quencies and associated mode shapes of the acousticenclosure;i.e.,
neglecting the effect of the coupling of the flexural plate. The modal
measurements of the acoustic volume were carried out accordingto Spectrum Analyzer/ Signal Generator
a classical procedure (Fig. 5). The selected acoustic source could
be considered a point source with a wide acoustic radiation. The
loudspeaker was driven by a swept sine in the time domain, for ﬁ Data Elaboration
frequencies ranging from O to 1 kHz. The sensor microphone was

arandom incidence omnidirectional microphone. Aluminum plates
trimmed the walls of the box to increase the reverberant capabilities gz:lo“‘l"t‘ér
of the walls, and hence, reduce the noise absorption. The acoustic P

enclosure was divided into 80 control volumes according to a mesh
size of five grids in the x direction, six grids in the y direction, and
four grids in the z direction. The loudspeakerwas placedin a corner
of the box. A microphonein the center of each control volume mea-
sured the acoustic signal. This methodology was used to reduce the
interference effects due to the box walls in the acquisition positions
closerto them. Consideringthat the modal density of an acousticen- HH Piezoelectric Hammer
closure increases for increasing frequency, the uncertainty in evalu-
ating the modal parameters increases with the frequency. Therefore,
the proposed experimental analyses cannot exceed the 340-860 Hz HaH
frequency range, in which the first 10 natural modes are resonant. H

This limitationcomes directly from the designed mesh size. Further- Accelerometer
more, the previously mentioned frequency range of the analysis has
beendefined by the value of the coherence functionin the 0-300 and
900-1000 Hz ranges. In fact, in the 0-300 Hz range, the dynamic
response of the loudspeaker is unsuitable, and in the 900-1000 Hz L, || Analyzer
range, the acoustic insulation of the enclosure is poor.

Fig. 5 Experimental setup for analysis of the acoustic volume.

Spectrum

ﬁ Data Elaboration
Experimental Modal Analysis of the Flexural Plate

The objectiveof these experiments was to evaluate the natural fre- Personal
quenciesand associatedmode shapesof the flexural plate. The struc-
tural modal measurementsof the plate were carried out according to
a classical procedure (Fig. 6). Hammer-impact testing with a fixed Fig. 6 Experimental setup for analysis of the elastic plate.

Computer
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piezoelectric accelerometer was used for structural modal analysis.
Particular care was paid to the design and manufacturing of correct
boundary conditions. To obtain a simply supported condition, four
aluminumbeams with an L-shaped cross section (cross-sectionaldi-
mensionsof 18 x 5 mm) were chosen. These beams were assembled
in aknifelikepositionto constrainthe translationswhile allowing the
rotations on the boundaries of the plate. Nevertheless, these bound-
ary conditions are not the ideal ones. The supports also reduce the
plate dimensions and slightly limit the rotation of the plate sides.
Consequently, the experimental frequencies should be higher than
the numerical ones. These beams can be joined to the box, ensur-
ing the best boundary conditions and the correct dimension of the
acoustic volume in successive coupled tests. On this flexural plate a
mesh size with eight grids in the x direction and seven grids in the
y direction was used for the next hammer tests.

Table1 Uncoupled structural natural frequencies, Hz

Numerical Numerical
Mode n,m simply supported clamped  Experimental
1 1,1 36.5 67.2 64.3
2 1,2 78.9 117.7 104.5
3 2,1 103.1 154.1 124.3
4 2,2 144.5 199.0 163.4
5 1,3 149.9 200.2 e
6 3,1 214.2 275.3 —
7 2,3 213.8 287.1 —
8 1,4 249.2 312.6 e
9 3,2 254.2 328.6 —
10 2,4 311.2 382.7 —

Table 2 Coupled structural natural frequencies, Hz

Numerical Numerical
Mode n,m simply supported clamped  Experimental
1 1,1 44.7 70.7 60.2
2 1,2 78.7 117.2 95.4
3 2,1 102.9 153.6 124.2
4 2,2 144.4 198.4 159.4
5 1,3 150.0 200.0 168.8
6 3,1 213.5 274.3 230.6
7 2,3 214.3 286.6 233.1
8 1,4 248.8 310.9 265.6
9 3,2 253.7 326.4 272.9
10 2,4 310.6 344.1 325.6

Forced Response

The mostinterestingexperimentalactivities concern the measure-
ment of the forced response of the flexural plate and of the acoustic
enclosure in terms of acceleration and acoustic pressure level. The
piezoelectric hammer provided the mechanical excitation. The im-
pact point was selected according to the position of the excitation
in the numerical and analytical analyses. The force amplitude and
microphone locations were chosen to be as close as possible to the
numerical and analytical models. In the following paragraphs, all
results obtained during the different sessions of the experimental
measurements are presented and discussed, in comparison with the
analytical and numerical model.

Results

The first analysis concerns the natural frequencies of the plate.
In the first phase, the elastic plate was analyzed without the effect
of fluid enclosed in the volume. Table 1 compares the numerically
computed and experimentally measured natural frequencies. The
numerical results were carried out for two different edge boundary
conditions.The results show thatthe numerical clamped conditionof
the edges is closer to the real (experimental) boundary conditions,
realized by the supports, for the first natural mode. On the other
hand, the experimental frequencies of higher modes are almost in
the middle of the numerical natural frequenciescorrespondingto the
two boundary conditions. These considerations confirmed that the
hypothesisof a simply supported plate for the experimentalanalysis
was not satisfied. The analysis of the coupled structural frequencies
turns out to be more interesting. A comparison of results is shown in
Table 2. In this case, the elastic plate encloses the acoustic volume,
both in the numerical simulations and in the experiments. The effect
of boundary conditions on the coupled natural frequenciesis similar
to the uncoupled plate response. Moreover, the natural frequencies
of the plate from the second to the tenth are only slightly influenced
by the fluid coupling. Only the first natural frequency is increased
by areasonableamount. To discuss this result, two types of coupling
between fluid and structure must be considered, as already analyzed
in the Coupled Problem section: 1) dynamic coupling (resonance
conditions), if acoustic natural frequencies match structural natural
frequencies; and 2) geometric coupling, if the natural modes of
structural surfaces, surrounding the acoustic volume, fit acoustic
modes geometrically.

In this problem, only the second condition may be analyzed, be-
cause the first natural frequency of the acoustic enclosure is ap-
proximately at 570 Hz. It is possible to demonstrate that the value
of the frequency shift between the coupled and uncoupled struc-
tural natural frequencies depends on the ratio of the acoustic natural

Table3 Analytical, numerical, and experimental natural acoustic frequencies, Hz

Percentage difference among
the methodologies

Mode m,n, k A? NP E° A-N A-E N-E
1 0,1,0 3.41E+02 3.41E4+02 3.48E402 —0.09 —2.15 —2.05
2 1,0,0 4.26E+02 4.26E402 4.34E402 —0.14 —1.83 —1.69
3 1,1,0 5.45E+02 5.46E+02 5.25E402 —0.12 3.79 3.91
4 0,0,1 5.68E+02 5.70E+02 5.73E+02 —0.34 —0.83 —0.48
5 0,1,1 6.62E+02 6.64E+02 6.71E+02 —0.27 —1.31 -1.03
6 0,2,0 6.82E+02 6.84E+02 6.95E+02 —0.37 —1.97 —1.59
7 1,0,1 7.10E+02 7.12E4+02 7.24E 402 —0.27 —2.04 -1.76
8 1,1,1 7.88E+02 7.89E+02 8.00E+02 —0.24 - —
9 1,2,0 8.04E402 8.06E+02 8.30E+02 —0.31 S —
10 2,0,0 8.52E402 8.57E+02 8.65E+02 —0.57 S —
11 0,2,1 8.87E+02 8.90E+02 — —0.36 S —
12 1,1,0 9.18E+02 9.22E+02 — —0.50 S —
13 1,2,1 9.84E+02 9.87E+02 — —0.32 S —
14 0,3,0 1.02E+03 1.02E+403 — —0.65 S —
15 2,0,1 1.02E+03 1.03E+403 — —0.69 S —
16 2,1,1 1.07E+03 1.08E+403 — —0.46 S —
17 2,2,0 1.09E+03 1.09E+403 — —0.49 S —
18 1,3,0 1.10E+03 1.11E403 — —0.74 S —
19 0,0,2 1.13E+03 1.15E403 — -1.36 S —
20 0,3,1 1.17E+03 1.17E+403 — —0.72 S —

*Analytical. °Numerical. °Experimental.
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frequency over the structural one. Therefore, this simple analytical
analysis verified thatthe obtained results were consistentwith physi-
cal mechanisms of the fluid-structure interaction. The second phase
concernsthe analysis of the acousticnatural frequencies. Table 3 re-
ports the comparison of natural frequencies of the acoustic volume,
i.e., enclosed by rigid walls, for three different approaches. The
agreement of these values is extremely good, particularly between
the analytical and numerical frequencies.

The experimental natural frequencies of the acoustic enclosure
matched quite well with those obtained from the numerical and
theoretical rigid-wall models. This proved the validity of the rigid-
wall assumption, together with the used acoustic excitation level.

As far as the acoustic natural frequenciesare concerned (Table 3),
the greatererror between the experimental values and the analytical/
numerical ones is in mode 3. This discrepancy may be related to the
position of the loudspeaker: the adopted positions were not able to
properly excite this mode shape. The excellent agreement of val-
ues among these three methodologies is due to the correct simula-
tion of the boundary conditions. In fact, for the acoustic volume,
the rigid condition of perimeter walls can be implemented cor-
rectly either in the numerical and analytical simulation or in the
experimental tests. For the sake of completeness, Table 4 shows
the history of the experimental acoustic natural frequencies of
this enclosure. These values were carried out during the course of

Table 4 History of the acoustic experimental natural frequencies, Hz

Mode Wood Wood Aluminum I Aluminum IT
n,m,k Analytical 1994/1995 1996/1997 1996/1997 1996/1997
0,1,0 3.41E+02 3.47E+02 3.49E+02 3.47E+402 3.48E+02
1,0,0 4.26E+02 4.28E+02 4.35E+02 4.38E+02 4.34E+02
1,1,0 5.45E+02 5.63E+02 5.03E+02 4.69E+02 5.25E+402
0,0,1 5.68E+02 5.81E+02 5.31E+402 5.70E+02 5.73E+402
0,1,1 6.62E+02 6.80E+02 5.71E+02 6.71E+02 6.71E+02
0,2,0 6.82E+02 7.02E+02 6.67E+02 7.18E+02 6.95E+02
1,0,1 7.10E+02 7.23E+02 6.90E+02 8.16E+02 7.24E+402
1,1,1 7.88E+02 7.98E+02 7.19E+02 8.75E+02 8.00E+02
1,2,0 8.04E+02 8.12E+02 7.94E+02 —_— 8.30E+02
2,0,0 8.52E+02 8.51E+02 8.14E+02 —_— 8.65E+02
Lode 32
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Fig. 7 Nondimensional natural mode (3, 2) of the rectangular plate (normalized displacements): a) analytical (f =258.1 Hz), b) numerical (f =

254.2 Hz), and c¢) experimental (f =272.9 Hz).
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Fig. 8 Nondimensional natural mode (0, 1, 0) of the acoustic volume (normalized pressures): a) analytical (f =341 Hz), b) numerical (f =341.3 Hz),

and c) experimental (f =348.3 Hz).

several activities with perimeter walls trimmed by different mate-
rials. The frequency values are slightly influenced by the different
conditions. In fact, because the volume dimensions remained un-
changed in all tests, the differences in terms of frequencies should
be related to the different wall treatments. The excellent agreement
was found also in acquiring the mode shapes for both domains
(Figs. 7 and 8).

A final comment concerns the analysis of the forced response
of the coupled assembly (plate and acoustic volume). One must
be reminded that the external excitation is produced by a hammer
impact on the elastic plate. Figure 9 shows the velocity modulus
vs frequency at a point on the elastic plate as obtained from the

numerical model and the test. It should be noted that the numerical
model was updated by using the experimental measurements. The
general good agreementcan be evidenced by the frequency position
of the peaks and their magnitude. The same content is in Fig. 10,
where the coupled response is presented. Again, a general good
agreement can be evidencedby the frequency position of the peaks,
buttheirmagnitude can be correctlyread only in the range of validity
of the structuralmodel, as discussedpreviously.It was shown that the
adopted mesh for the elastic plate could not be used for a frequency
greater than 350 Hz.

Similarly, the coupled model remains fully reliable for frequen-
cies greaterthan 350 Hz, because in this frequencyrange, the model
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Fig. 9 Modulus of the forced velocity (m/s) for the elastic plate vs frequency (Hz), uncoupled response.
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Fig. 10 Modulus of the forced pressure SPL (dB) for the acoustic volume vs frequency (Hz), coupled response.

response is completely driven by the acoustic mode shapes, which
are well simulated.

The main differencesevidencedin Fig. 10, between the analytical
and experimental (and numerical) curves, may essentially rely on
1) the effect of the frequency shiftdue to a differentrepresentationof
the dynamic behavior of the elastic domain because the elastic plate
is simply supported along the edges in the analytical model, and
2) the absence of any damping in the acoustic part of the analytical
model.

Concluding Remarks

The structural-acoustic interaction problem has been addressed
with reference to a simultaneous solution of the theoretical, numer-
ical, and experimental problems. A simple geometry, a rectangular
volume with one elastic wall and the remaining five rigid walls, has
been chosen as the test article. Simple considerations were drawn
regarding the design of the finite element mesh able to represent
the modal content up to a requested frequency range, both for the
acoustic and the structural model. Strong and weak coupling cases
have been outlined, evidencing that final results are not, in general,
predictable as masslike (or stiffnesslike) behavior. The boundary
conditions remain a critical item for the convergence of the com-
puted results and the experimental ones, particularly for the first

natural frequencies and mode shapes. The damping problem for
both the structural and acoustic domains has not been addressed be-
cause it was not the specific subject of the research and because of
its small effect (being a very small quantity in this case) on the re-
sults presentedthroughoutthe paper. The simplicity of the testarticle
together with the reliability of the results may suggesta future appli-
cation for studying and validating noise and vibration passive- and
active-controlprocedures and techniques for such simple geometry.
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